Modern trends in designing mechatronic systems call for a synergic design of the separated subsystems (mechanic, electronic parts, control modules, etc.) concurring to the overall performance. Following this point of view, this paper presents a control oriented model and a nonlinear control design for a Common Rail injection system. First a model is developed, which is tuned in a virtual simulation environment, representing the injection system in details in a reliable replication of reality. Then a sliding mode control is developed. Both the model of the injection process and of the control law are validated by a virtual detailed simulation environment. The prediction capability of the model and the control efficiency are clearly shown.
Introduction
Usually, the design process of mechatronic systems considers the mechanical part and the control system independently of each other: the former is designed first, then the latter is synthesized for the already existing physical system. Classical control theory confirms this methodology, since it assumes a given and fixed plant. This approach, however, does not exploit many potential advantages of an integrated design process, which are lost in the separate point of views of different engineering domains. Only a systemic perspective, indeed, can lead to the optimal system design, not just to a sub-optimal solution resulting from each specific application area, without interactions.
To improve the integration between the controller and the mechanical subsystem, the designer must employ tools which obey a cross-domain philosophy ruling just the early design stages, i.e. the early modelling phase of the subsystems. However, experimental studies on physical prototypes are expensive and time consuming. ''Virtual prototyping'', on the contrary, allows the designers to make design choices on different parts (mechanical and electronic) before assembling the physical prototype and in early phase of the design process. Since the simulation of the system as a whole can give a reliable view of reality, it constitutes an important reference in early design phases, and it is also of great importance to model validation [1, 2] .
The virtual prototyping can obviously significantly influence the control-oriented modelling approach of a high pressure fuel-injection system. Using the Common Rail injection system allows Diesel engines to improve their performances and reduce pollutant emissions, noise and consumption [3] . The injected fuel amount, however, must be precisely metered by the regulation of injection pressure and timings so as to get the proper air/fuel mixture demanded by the engine speed and load. Namely, our effort is motivated by the strong influence of the whole injection system, including the control equipment, on the Diesel engine combustion. Due to this interaction, realistic investigations must analyze the whole system, both in its hydraulic elements (injectors, rail and valves) and in control equipments. Moreover, the plant model must be able to catch the fundamental physical aspects and, at the same time, to be simple enough for control purpose. To achieve both goals, we tune a control-oriented model of a Common Rail injection system, using as reference a detailed representation of the plant that accurately maintains all its relevant physical and geometrical parameters. These characteristics can be also quickly changed, adjusted or replaced during the early design stages. The aim is to have a virtual environment which, at the beginning of the modelling process, allows us to indirectly take into account the significant influence of the relevant mechanical parameters on the simplifications necessary to build the simplified, control-oriented model. In this way, the interactions of both the subsystems, the mechanical and the control ones, can be considered in a more integrated point of view. As virtual environment for design integration, we choose AMESim Ò (Advanced Modelling Environment for Simulation): a simulation tool, which is oriented to lumped parameter modelling of physical elements, interconnected by ports enlightening the energy exchanges between element and element and between an element and its environment. The AMESim environment [4] allows the investigation of single or interconnected systems by assembling models of single elements belonging to existing or user-defined component libraries. It guarantees a flexible architecture, in which new, user-defined components can be included.
To show the usefulness of the proposed model, we derive a control law for the injection pressure regulation. In designing an effective control strategy for the injection pressure it is necessary to satisfy physical and technical constraints. In this framework, sliding mode control techniques [5] seem to be a valuable choice, as they have shown good robustness in presence of large parametric variations and model uncertainties in industrial processes applications. This paper is organized as follows. Section 2 gives a brief description of the Common Rail injection system and of the problems underlying the modelling process. Section 3 develops the state-space model of the injection system used in Section 4 to derive the sliding mode control law for the injection pressure regulation. In Sections 5, both experimental and simulation results are presented to validate the proposed model. In Section 6, AMESim simulations are compared with Matlab results to evaluate the sliding mode controller performances. Section 7 gives the conclusions.
General description of the common rail injection system
The main elements of a Common Rail Diesel injection system are a low pressure circuit, including the fuel tank and a low pressure pump, a high pressure pump with a delivery valve, a common rail and the electroinjectors (Fig. 1) [3, [6] [7] [8] . Few details illustrate the injection operation.
The low pressure pump sends the fuel coming from the tank to the high pressure pump. Hence the pump pressure raises, and when it exceeds a given threshold, the delivery valve opens, allowing the fuel to reach the common rail, which supplies the electro-injectors. The common rail hosts an electro-hydraulic valve driven by the Electronic Control Unit (ECU), which drains the amount of fuel necessary to set the fuel pressure to a reference value. The valve driving signal is a square current with a variable duty cycle (i.e. the ratio between the length of ''on'' and the ''off'' phases), which in fact makes the valve to be partially opened and regulates the rail pressure.
The high pressure pump is of reciprocating type with a radial piston driven by the eccentric profile of a camshaft. It is connected by a small orifice to the low pressure circuit and by a delivery valve with a conical seat to the high pressure circuit. When the piston of the pump is at the lower dead centre, the intake orifice is open, and allows the fuel to fill the cylinder, while the downstream delivery valve is closed by the forces acting on it. Then, the closure of the intake orifice, due to the camshaft rotation, leads to the compression of the fuel inside the pump chamber. When the resultant of valve and pump pressures overcomes a threshold fixed by the spring preload and its stiffness, the shutter of the delivery valve opens and the fuel flows from the pump to the delivery valve and then to the common rail.
As the flow sustained by the high pressure pump is discontinuous, a pressure drop occurs in the rail due to injections when no intake flow is sustained, while the pressure rises when the delivery valve is open and injectors closed. Thus, to reduce the rail pressure oscillations, the regulator acts only during a specific camshaft angular interval (activation window in the following), and its action is synchronized with the pump motion.
The main elements of an electro-injector for Diesel engines are a control chamber and a distributor. The former is connected to the rail and to a low pressure volume, where both inlet and outlet sections are regulated by an electro-hydraulic valve. During normal operations the valve electro-magnetic circuit is off and the control chamber is fed by the high pressure fuel coming from the common rail. When the electro-magnet circuit is excited, the control chamber intake orifice closes while the outtake orifice opens and so a pressure drop occurs. When the injection orifices open, the cylinders receive the fuel. The Energizing Time depends on the fuel amount to be injected. In the system under study, the whole injection cycle takes place in a complete camshaft revolution and consists of two injections starting each 180°of rotation.
In the described system, the pressure regulation aims at supplying the engine precisely with the specific amount of fluid and the proper air/fuel mixture demanded by its speed and load. Of course, this requires a good mathematical model necessary to develop both an appropriate control strategy and an effective controller tuning. However, the strong nonlinearities due to complex fluid-dynamic phenomena make the design of fluid-dynamic models very hard. In fact, even very complex fluid-dynamic models may not be able to describe the system behaviour in every working condition [7] [8] [9] . On the other hand, considering too many details and a high number of adjustable parameters do not help in designing the control law and in tuning the controller. Hence, in this paper we develop a lumped parameter nonlinear model, which is suitable for control purposes and can be adapted to different injection systems with the same architecture. The model is validated by simulation, using the package AMESim, which allows assembling detailed mathematical models of the component elements, so building an accurate reproduction of the whole system. In other words, the simulation model acts as reference in the control tuning process.
The following section describes the lumped mathematical model of the injection system.
Description of the injection simulation model
In the here developed model, the main elements, but the low pressure circuit and the cylinders, are partitioned in control volumes, where the fuel pressure dynamics can be described by suitably combining the continuity and momentum equations and Newton's motion law. In addition, under the assumption of constant fuel temperature during operations, the system state can be defined in terms of pressure in each volume. In particular, the low pressure pump delivers fuel towards the high pressure pump at a constant pressure, so it is considered as an infinite volume source. On the other hand, because of the isobaric expansion during injection, the cylinders' pressure is slightly variable within a range that can be determined experimentally. For this reason, the cylinders are considered as infinite volumes of constant, albeit uncertain, pressure. Moreover, the fluid dynamic phenomena connected to flows through pipes are also neglected. In fact, since the connecting pipe between delivery valve and common rail is short, the delay in the pressure disturbances transmission is negligible and, consequently, the volume of this pipe can be included in that of the delivery valve. Moreover, a further simplification is introduced by considering a stiff pipe, thus neglecting the pressure variations related to the pressure wave propagation. To include the pipe deformation in the model, an extremely accurate representation of fluid dynamic phenomena due to valve, to injectors opening and closing transients and to pump delivery interruptions would be necessary [9] [10] [11] . However, these effects are not taken into account, because they make the analysis very complex and, in the end, not suitable for control purposes. Finally, the electrohydraulic valve is considered just as a variable section, neglecting the shutter inertia. These simplifications lead to modelling inaccuracies that can be compensated by a suitable design of the pressure controller, as shown in Section 4.
In our model, we consider compressibility of the fuel be expressed by the bulk modulus of elasticity [12] K f ¼ À dp dv=v ¼ dp
where Àdv is the volume decrease of a unit volume of liquid due to a dp pressure increase, and where K f and p have the same units. In normal operating conditions K f is set equal to 12,000 bar and can be related to the fuel pressure p [bar] by the following expression [9] :
From Eq. (1) we get dp dt
where v is the instantaneous volume of liquid, dv/dt takes into account the intake and the outtake flows q in and q out , and the volume changes dm/dt due to the motion of mechanical parts. Eq. (3) becomes: dp dt
that gives, by integration, the pressure dynamics in each control volume. All the elements in the injection system, but the high pressure pump, have a constant volume V, therefore the derivative term at the right-hand side of (4) can be cancelled. Intake and outtake flows q in and q out can be calculated by applying the energy conservation law, which gives, for a generic q [12] 
where c d is a discharge coefficient defined as the rate of actual and ideal flows, taking also into account three dimensional flow effects and the flow process non-isentropicity; A 0 is the interested orifice section, q is the fuel density, dp is the fuel pressure difference across the section A 0 and sgn(dp) is the sign function affecting the flow direction.
Concerning the high pressure pump, the actual volume changes due to piston motion, whose position with respect to the camshaft angle is known, can be computed as
where A p is the cylinder bore, h p is the piston instantaneous axial displacement, depending on the camshaft angular position h, and V 0 p is the cylinder total volume. Hence, the liquid volume change due to piston motion is
where x rpm is the camshaft speed. It is worth to note that the derivative of h p with respect to h is a nonlinear function of the camshaft angular position. The instantaneous pump inlet section is a function of the piston axial displacement and the system geometry, while the intake pressure is constant.
In this model, we neglect opening and closing transients of the delivery valve, which switches between two conditions: closed or opened with a flow section A v . Usually, this simplification does not introduce a considerable error, as the shutter inertia is small enough in comparison with the large hydraulic forces, while it reduces noticeably the computation time.
To compute the electro-hydraulic valve outflow with Eq. (4), we set the outflow section equal to A max AE D AE W reg = u AE A max , where A max is the maximum outflow section, corresponding to a completely opened valve; D is a dimensionless signal representing the driving current duty cycle and assuming values within the interval [0, 1], W reg is a square signal assuming the values 0 and 1 to represent the valve activation window. If the previous expression is used, the relationship between exciting current duty cycle and flow section is linear and, depending on D, A max AE D represents a fraction of the maximum outflow section. This choice is justified by the fact that the shutter lift is small enough so that the flow section is assumed proportional to the shutter axial position.
By modelling the injectors as control volumes it is possible to predict irregular injection behaviours and to get useful information for injection control. Moreover, we assume that the outflow section area switches between zero and its maximum, thus neglecting opening and closing transients. This assumption can be made because opening and closing transients are negligible with respect to system time constants. For each injector, Eq. (5) can be rewritten in the form:
where A cyl is the total outflow section, depending on the number of injection nozzles, E T is a square signal equal to 1 during injections, p i is the injection pressure and P cyl is the pressure inside engine cylinders, assumed to be constant. Eqs. (1)- (8) can be rewritten in a state space form, where the pump, delivery valve, common rail and injector pressures are the state variables; and the camshaft angular position and speed, the regulator exciting signal and the injectors driving signal are the inputs. Assuming, without loss of generality, that no reversal flows occur, the state space representation is
where a ij are positive constant parameters (Appendix A).
To simplify the design process of the control law, the model order is reduced by neglecting the delivery valve and injection pressures dynamics. This is tantamount to consider, for each time instant, the flow between the pump and the delivery valve equal to the flow between the delivery valve and the rail; and the flow between the rail and the injectors equal to the flow between the injectors and cylinders. With this simplification, the system state equations become
where E T12 = E T1 + E T2 and c ij are positive constants (Appendix A). Now, let the pump plunger displacement be not precisely known and let the injection flow assume the role of a disturbance. The state variable equation (10) can be written in the form (Appendix B)
where f 1 and f 2 are known functions of pressures, which are accessible for measurement and control. Functions g a and g b also depend on parameters which are uncertain (h, P cyl ) and not available for control purpose. The aim of the control action u is to take p p and p r close to the constant set-points P p and P r . Hence, if:
Eq. (11) become _ e p ¼ g a ðe p ; e r ; x rpm ; hÞ; ð13aÞ
Design of a sliding mode control law for the injection pressure regulation
Recently, sliding mode control has been widely used in real processes to effectively cope with system nonlinearities and uncertainties. The main idea underlying this technique is briefly described in the following.
Given a system described by Eq. (13), the aim of the sliding mode approach is to design a control law u able to take the system trajectory on a sliding surface s = e r À w(e p ) = 0 and, as soon as the trajectory lies on this surface, u must also make e p = 0. In (13a), e r plays the role of the control input; therefore the control can be achieved by solving a stabilization problem for _ e p ¼ g a ðe p ; e r ; x rpm ; hÞ. A control law u is designed to bring s to 0 in finite time and to make s maintain this value for all future time, as explained in the following. More precisely, since by (13b)
the control law u can be designed to cancel f 1 (e p , e r ) on the right-hand side of (14):
where e must be chosen to compensate the other nonlinear terms in (14). Obviously, according to (B.2), f 2 is a strictly positive function, as the condition p r À P t > 0 holds for every working condition. In addition, if the absolute value of the remaining term in (14) is bounded by a positive function r(e p , e r ) P 0, it is possible to design e to force s toward the sliding surface s = 0. More precisely, the sliding surface is attractive if e in (15) is given by e ¼ Àbðe p ; e r ÞsgnðsÞ; ð16Þ
where b(e p , e r ) P r(e p , e r ) + b 0 , with b 0 > 0 [5] . This ensures that s_ s 6 0, so that all the trajectories starting off the sliding surface reach it in finite time and those on the surface cannot leave it. Applying these concepts to (13) leads to an effective rail pressure control. First of all, the sliding surface is chosen as s = e r + ke p = 0, where k is an appropriate constant representing the sliding surface slope. When on the sliding surface, we can design e r to stabilize the origin e p = 0 by choosing e r = Àke p and k > 0. Namely, from (13a) we obtain
where e p _ e p < 0 must hold true to exponentially reduce e p to zero [5] . To this end, we observe that, if e p < 0, the first term at the right-hand side is positive, as e p + P p À P t = p p À P t P 0. The third term can be positive or negative due to the pump piston motion and thus depending on the camshaft angular position, while the second term is negative. So, being H = max h jdh p /dhj, as determined by the camshaft profile, k must satisfy the following inequality:
so that
Clearly, e p ! 0 only if k ! 1. With a finite k, e p , and consequently e r , are finite and can only be made smaller than a certain value. However, to avoid saturation of the control valve, k cannot be chosen too high. Finally, when e p > 0 the sliding condition is still satisfied as, in this case, the first term of the right-hand side of Eq. (17) is negative.
Although the sliding surface has been properly chosen, we have to make it attractive for the error trajectory. Eqs. (12)-(15) , and the choice w(e p ) = Àk AE e p , lead to
Since, by (B.3) and (B.4) with V min p
then s_ s 6 0 and the controller (15), with (16) and (22), globally stabilizes the origin, with b 0 coping with uncertainties.
As stated before, one of the two injections occurs within the angular interval [180°, 360°], causing a rail pressure drop that cannot be promptly compensated, due to regulator inactivity. For this reason, we slightly modify the previous control action by adding a compensation term to the pressure reference derived from the injection flow equation. If a complete camshaft revolution takes a DT time interval, an estimate of the pressure drop Dp r during the second injection phase can be computed from
Since DT = 60/x rpm and assuming E T2 = Dh/180, if Dh is the injection angular interval, it holds
so that the new pressure reference becomes P r À Dp r .
Validation of the simulation model
The model has been implemented and simulated in the Matlab/Simulink Ò environment. To assess its capability of predicting the rail pressure dynamics for each injection cycle, simulation results have been compared both with experimental data obtained on a Common Rail injection system [13] and with those provided by the AMESim software for fluid dynamic simulation. As stated before, we use modelling and simulation within this prototyping environment, for verifying alternative designs and parameterizations. AMESim, indeed, is capable of describing physical phenomena with great precision and details and of accurately predicting the system dynamics. Fig. 2 depicts the Simulink block scheme used for the solution of (9), also showing the control volumes layout. The parameters of the model have been tuned on the basis of the geometric specifications of the mechanical parts and experimental tests carried out in different operating conditions. The experimental setup consists of a reciprocating pump, acted by a camshaft with a double lift profile, a common rail, an electrohydraulic valve and two electro-injectors. Fig. 3 evaluates the model performance without injections and compares experimental and simulated steady state values of the rail pressures, for different duty-cycle of the regulator driving current, and different rotational speeds of the camshaft (800, 1300, 1800 rpm, respectively). The current duty-cycle affects the inlet section of the electro-hydraulic valve because, as long as the duty-cycle increases, the valve outflow increases and, consequently, the rail pressure decreases. On the other hand, when the pump speed increases, the rail inflow and the rail pressure with the same duty-cycle increase. The model accurately approximates the rail pressure for all camshaft speeds below 1800 rpm, with a maximum error of 9%. A slightly larger error occurs with high values of angular rotation speeds (1800 rpm) and duty-cycle.
The modelling error is mainly due to the assumption of the electro-hydraulic valve model. In particular, considering a section varying in direct proportion to the duty-cycle D, and neglecting the force acting on the shutter for opening of the valve are the most influencing assumptions. In the real system, in fact, the rail pressure acts on the shutter axial displacement, and consequently on the valve outflow section. To show the model capabilities in predicting the system dynamic behaviour, Figs. 4 and 5 compare Matlab and AMESim simulations referred to two complete camshaft revolutions. These figures represent pump and rail pressures, for 800, 1300 and 1800 rpm camshaft speeds respectively, and different values of the electro-hydraulic valve duty-cycle. According to Fig. 4 , the pump pressure increases because of the piston motion, until the delivery valve opens. From this moment on, the pressure decreases because of the outflow towards the rail. Subsequently, the pressure increases again because of the camshaft profile. The rail pressure is constant during the angular interval in which the delivery valve is closed (Fig. 5) . The opening of the delivery valve causes a pressure increase, which is immediately compensated by the intervention of the regulation valve. We can conclude that the pressure dynamics are well modelled, both in amplitude and in timing. As previously mentioned, the difference in the steady values is due to the approximation introduced in the characterization of the electrohydraulic valve.
Since the injection system must inject the proper amount of fuel for each operational condition, it is important that the results provided by the model match the experimental data with a good accuracy. Fig. 6 illustrates the fuel amount injected for each cycle, for a constant rail pressure of 300, 500, 700 bar, respectively [13] . To plot these curves, the rail pressure is kept constant, whereas the injector opening interval is varied and the volume of injected fuel in a cycle is measured. In the experimental setup, this measurement is carried out by accumulating the fuel in graduated burettes for a fixed interval. Subsequently, the quantity stored in the burettes is divided by the number of the injections performed. The linear trend obtained in simulation is due to the fact that, by assumption, the section is proportional to the exciting time E T . As for each curve the difference between the injection pressure and the cylinder pressure is constant, the flow and, consequently, the volume injected are linear functions of E T . For E T values greater than 400 ls there is a good agreement between simulated and experimental characteristics, whereas a higher error occurs for lower opening intervals. This result is justified by the fact that in our model the dynamics of the moving part of the injector has been neglected, so that the outflow section changes instantaneously between zero and the maximum allowed. 
Controller performances
To test the sliding mode controller tracking and disturbance rejection capabilities we have extensively simulated different operating conditions by using AMESim software. Since the sliding mode control law has been derived from the reduced order model described by Eq. (10), to check the effectiveness of this approach, we have compared AMESim simulations with Matlab simulations of the reduced order model. Significant results are discussed in the following.
First of all, we consider a reference pressure step variation, by varying the camshaft speed, without injections. In Fig. 7a , a 300 bar set-point variation occurs at time 0.2, starting from 200 bar up to 500 bar. The initial 1000 rpm camshaft speed increases to 1600 rpm following a ramp profile, within a 0.5 s time interval starting at time 0.2 s. The injectors are kept completely closed, so that the controller copes with the pressure disturbances due to the pump motion. Moreover, the control action, computed at the beginning of each injection cycle, is applied during the valve activation window. The rail pressure is properly taken close to the setpoint without any overshoot, but it suffers of undesirable oscillations, as the control action is held constant during the whole camshaft revolution. Fig. 7b considers analogous operating conditions, but in presence of injections. The injectors' driving signal acts to keep the angular opening interval constant, regardless of the camshaft speed.
The sliding mode controller is still able to maintain the rail pressure close to the reference value, with a good rejection of the disturbance due to the injection flow. The high pressure oscillations, due to the injectors' operation, cannot be removed as the control valve acts only during the activation window. Finally, the rising transient is slower than the previous case, as a fraction of the fuel delivered by the pump is sent to cylinders. In both cases, Matlab simulations are in good accordance with those performed within the AMESim environment, showing the feasibility of the derivation of the control law from the reduced order model.
In Fig. 8 , a pressure reference step variation occurs at time 0.4, while the speed decreases from 1600 rpm to 1000 rpm, within a 0.5 s time interval starting at time 0.2 s, following a ramp profile. In the first case (Fig. 8a) , the injectors are kept completely closed. In the second case (Fig. 8b) , the injectors opening time is proportional to the camshaft speed. It is possible to note that, within the time interval 0.2-0.4 s, the control action is not able to maintain the rail pressure at set-point, as decreasing the pump speed reduces fuel supply for each camshaft revolution. Even in these working conditions the comparison of Matlab and AMESim results confirms the proposed approach.
Conclusions
This paper presents a mathematical model of a Common Rail injection system for Diesel engines. The model equations are obtained by resorting to physical laws regulating the main fluid-dynamic and mechanical phenomena; its parameters are derived directly from a minimal set of known geometrical data, so it can be easily tuned or eventually adapted to different system configurations. The proposed model is validated by comparing simulation results with both experiments and the outputs of an accurate fluid-dynamic model. The comparison shows that the model can accurately predict the system behaviour in every working condition, in terms of control volume pressures. Finally, our model is simple enough to derive model-based control laws for the rail pressure controller, thus reducing the controllers development cost and time.
